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INTRODUCTION

Natural gas compression stations are essential 
components of transmission networks, ensuring 
the continuous transport of gas over long dis-
tances while maintaining adequate pressure lev-
els [1]. The compression process leads to a sub-
stantial increase in gas temperature, which nega-
tively impacts compressor efficiency, accelerates 
mechanical wear, and increases the thermal load 
on downstream equipment [2]. Therefore, inter-
coolers are integrated between compression stages 
to dissipate the excess heat generated during com-
pression, reduce gas temperature, and improve 

the overall thermodynamic efficiency and opera-
tional reliability of the station [3]. Consequently, 
improving the heat transfer performance of inter-
coolers is of great interest from both an energy 
efficiency and economic perspective [4].

Conventional intercoolers operating in indus-
try typically use water or water-based mixtures as 
cooling media [5]. While these fluids offer favor-
able availability and handling characteristics, 
their relatively low thermal conductivity imposes 
inherent limitations on improving heat transfer, 
especially with high mass flow rates and com-
pact design constraints [6]. With the increasing 
demand for higher compression ratios, smaller 
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equipment sizes, and lower energy consump-
tion, conventional heat transfer techniques are 
often insufficient to meet modern performance 
requirements. This has motivated the exploration 
of advanced cooling strategies capable of enhanc-
ing heat transfer without substantially modifying 
existing intercooler configurations [7].

Nanofluids, defined as suspensions of 
nanoscale solid particles dispersed in a base fluid, 
have become a promising approach for improving 
heat transfer in thermal systems [8][9]. Among 
various nanoparticulate materials, copper oxide 
(CuO) has attracted considerable attention due to 
its relatively high thermal conductivity, chemical 
stability, and compatibility with water-based cool-
ants [10]. Numerous experimental and numerical 
studies have demonstrated that CuO nanofluids 
can significantly improve convective heat trans-
fer coefficients compared to the base fluid [11], 
even with low particle volume fractions [12]. 
While the addition of nanoparticles can increase 
fluid viscosity and pressure drop, CuO nanoflu-
ids are typically characterized by a favorable 
ratio of thermal enhancement to hydraulic head 
loss, making them attractive for industrial heat 
exchanger applications [13].

Intercoolers in natural gas compression sta-
tions are commonly implemented as air-cooled, 
forced-ventilated finned-tube heat exchangers, 
especially in onshore pipeline applications where 
water availability is limited [14]. In installations 
where liquid cooling is feasible, shell-and-tube 
heat exchangers are also employed due to their 
mechanical robustness, ability to withstand high 
pressures, and ease of maintenance [15]. Although 
compact heat exchanger configurations offer high-
er surface area density, their application in high-
pressure gas services can be limited by suscepti-
bility to fouling, structural integrity, and mainte-
nance requirements. The thermo-hydraulic per-
formance of intercoolers is strongly influenced by 
the flow regime, the heat exchanger configuration, 
and the thermo-physical properties of the coolant. 
Therefore, the integration of CuO-based nanoflu-
ids requires a detailed evaluation of both the heat 
transfer improvement and the pressure drop penal-
ties under realistic operating conditions.

Recent research has explored improved inter-
cooler designs using nanofluids and advanced 
heat exchanger configurations for compressible 
gases. Several studies summarize how nanofluids 
enhance intercooler performance in gas turbine 
cycles, demonstrating improved heat transfer 

compared to conventional coolants. Zhao et al. 
[6] investigated the use of water-based nanoflu-
ids as coolants in an intercooler for a marine gas 
turbine intercooler cycle. The results showed that 
the nanofluids significantly improved heat trans-
fer while reducing the required pumping power 
compared to conventional coolants. Almurtaji et 
al. [16] studied the application of water nanoflu-
ids and MWCNTs to improve the intercooler per-
formance of a marine gas turbine. They showed 
a marked improvement in heat transfer and inter-
cooler efficiency compared to conventional cool-
ants. Mezrakchi [17] investigated the thermo-
hydraulic performance of several hybrid nanoflu-
ids flowing through a tubular heat exchanger with 
different inlet velocities and Reynolds numbers. 
The results indicated that the CuO-ZnO-water 
hybrid nanofluid provided the greatest improve-
ment in heat transfer, achieving a greater tem-
perature reduction and Nusselt number, with a 
reduced friction factor compared to other nano-
fluids and the base fluid. Chintala et al. [18] 
experimentally evaluated the use of Al₂O₃-water 
nanofluids to improve heat transfer in the inter-
cooler of a two-stage air compressor. They found 
that increasing the nanoparticle concentration 
significantly improved the intercooler’s effective-
ness and efficiency, with a maximum efficiency 
gain of approximately 6.1% at a volume concen-
tration of 1%. Canazas and Kamyshnikov [19] 
numerically studied the thermal and hydraulic 
performance of a mining hydraulic shovel radia-
tor using Al₂O₃-ethylene glycol nanofluids at dif-
ferent volume concentrations. The results indi-
cated that nanofluids can improve heat transfer 
and reduce pressure drop under suitable thermal 
and flow conditions, highlighting the importance 
of optimizing operating parameters. Sahin and 
Ozturk [20] numerically analyzed heat transfer in 
a tubular heat exchanger using water and Al₂O₃- 
and SO₂-based nanofluids as coolants, with biogas 
as the hot fluid. It was observed that increasing 
the nanofluid concentration and Reynolds num-
ber led to a clear improvement in the heat trans-
fer rate, with greater cooling observed near the 
tube bundles. Overall, these studies demonstrate 
the great potential of nanofluids to improve the 
performance of heat exchangers and intercoolers. 
However, they also highlight the need for further 
research that systematically links nanofluid prop-
erties, flow conditions, and heat exchanger con-
figuration with practical applications of intercool-
ers for compressible gas systems.
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Despite the extensive body of literature on 
compact heat exchangers and nanofluid applica-
tions, important limitations remain in the context 
of natural gas compression systems. Most previ-
ous studies focus either on conventional coolants, 
simplified geometries, or constant thermo-phys-
ical properties, and frequently analyze thermal 
or hydraulic performance separately rather than 
through an integrated thermo-hydraulic frame-
work. Furthermore, the combined influence of 
gas-side flow intensity, imposed coolant tem-
perature difference, and CuO–water nanofluid 
concentration has not been systematically evalu-
ated for compact plate-fin intercoolers operating 
under realistic natural gas compression condi-
tions. Consequently, a clear understanding of the 
thermo-hydraulic trade-offs governing exchanger 
sizing and pressure losses in such systems is still 
lacking. To address this gap, the present study 
develops a detailed numerical model incorporat-
ing temperature-dependent thermo-physical prop-
erties for both methane and CuO–water nanoflu-
ids and performs a structured parametric analysis 
covering practical operating ranges of Reynolds 
number, coolant temperature difference, and 
nanoparticle concentration. By simultaneously 
quantifying effects on overall heat transfer coef-
ficient, required exchanger volume, and pressure 
drops on both sides, this work provides an inte-
grated design-oriented assessment that advances 
the understanding of compact intercooler optimi-
zation for natural gas compression applications.

METHODOLOGY

Compression station description

In this study, a generic conventional compres-
sion station is considered, consisting of a com-
pressor, two scrubbers, a contactor, and an inter-
cooler, as shown in Figure 1. The performance 
of each component, and consequently the overall 
performance of the station, will not be analyzed 
in this work. However, some operational param-
eters of the system are considered as variables for 
the intercooler analysis.

After entering the station, the natural gas is 
directed to the suction scrubber, where it is sepa-
rated from the liquids and condensate, each of 
which is sent to a different destination. The con-
densate is collected and pumped to the main gas 
outlet line, while the liquids are collected from 

each scrubber and sent to the combustion area 
for burial. Depending on the required pressure, 
the gas is compressed by a single- or multi-stage 
compressor after exiting the suction scrubber and 
being separated into compression trains via an 
inlet header. The gas must be cooled by an inter-
cooler to reach the appropriate temperature, as 
compression raises its temperature. It’s important 
to note that condensation occurs due to the com-
pression and cooling of the gas. Installing a dis-
charge scrubber is crucial to separate the liquids 
and send them to the equipment, since all vapors 
are converted into liquids through gas compres-
sion and cooling. The gas enters the contactor, 
a gas dehydrator, after being compressed to the 
required pressure. There, it is dehydrated before 
being sent to subsequent cooling facilities.

As mentioned previously, operational param-
eters are considered, which will be obtained from 
previous research considering the station’s effec-
tive operation. The station’s inlet and outlet pres-
sures vary according to the station’s operating 
conditions; however, in this case, an inlet pressure 
of 2500 kPa is considered, and a variable com-
pression ratio, ranging from 2 to 3 [21], can be 
used. Furthermore, to simplify the model, a negli-
gible pressure drop was assumed in the scrubbers, 
with a significant loss only in the intercoolers, 
where the flow presents greater resistance due to 
the internal configuration.

For this study, a compression ratio of 3 is 
considered. Additionally, a fixed mass flow rate 
of 120 kg/s is assumed [22, 23]. Assuming a 
compressor inlet temperature of 300 K, the natu-
ral gas inlet temperature to the intercooler can be 
determined, as shown in Equation 1 obtaining an 
inlet intercooler temperature from the gas side 
of 399 K, considering the compression ratio, an 
isentropic compressor efficiency of 90%, and the 
ratio of specific heats of the natural gas. It is then 
assumed that the natural gas outlet temperature 
from the intercooler should be the same as the 
inlet temperature of 300 K. The coolant inlet 
temperature is 293 K. For comparison purposes, 
the inlet pressure is arbitrary, since the param-
eter of interest is the pressure drop. Furthermore, 
the refrigerant mass flow rate is not arbitrarily 
imposed, but is calculated using the energy bal-
ance between the gas side and the refrigerant 
side (Equation 7).
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Where the compression ratio is:
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Intercooler description and mathematical 
model

The intercooler designed for cooling natural 
gas is considered a compact heat exchanger. In 
recent decades, this type of equipment has under-
gone extensive development, primarily through 
the optimization of fin geometry and dimensions, 
with the aim of improving thermal performance 
[24]. In this work, a plate-fin configuration is 
adopted for both the natural gas and coolant sides, 
using identical geometric dimensions on both 
sides of the exchanger. This type of configura-
tion has been widely implemented in sectors such 
as the oil and gas industry, chemical processing, 
power generation, and heavy mobile machinery 
[19, 25]. The analyzed geometry is shown sche-
matically in Figure 2, while its characteristic 
dimensions are summarized in Table 1. These 
dimensions were selected based on experimental 
data reported in real-world gas turbine applica-
tions [26]. The mathematical analysis both for 
the intercooler and working fluids of the present 
study is carried out in the software Engineering 
Equation Solver.

The following assumptions are made for the 
analysis: (i) the intercooler operates under steady-
state conditions; (ii) the fins are assumed to have 

uniform thickness and negligible thermal resis-
tance; (iii) all components of the heat exchanger 
are made of the same material, aluminum; and 
(iv) fouling and corrosion effects are not consid-
ered. To evaluate the intercooler’s thermal per-
formance, it is necessary to determine a series of 
characteristic geometric parameters on the gas 
and coolant sides. The expressions used to cal-
culate these parameters are presented in Table 2, 
according to the methodology proposed by Kays 
and London [26]. It is important to mention that 
in Equation 5, subscripts 1 and 2 refer to the gas 
side and the coolant side, respectively. That is, the 
plate spacing for each side of the fluid.

In the heat transfer analysis, the temperature, 
pressure, and mass flow rates of the gas at the 
intercooler inlet are considered fixed. Similarly, 
for the coolant, a constant ambient inlet tempera-
ture, a pumping pressure sufficient to ensure flow 
through the exchanger, and a fixed mass flow rate 
are assumed. Since the intercooler belongs to the 
category of compact heat exchangers, the energy 
balance equation shown in Equation 7 is used 
to relate the heat exchange between both fluids, 
allowing the required mass flow rate of the cool-
ant to be determined [19].
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The mass velocity and Reynolds number on 
both sides of the heat exchanger are calculated 
using Equations 8 and 9, respectively. In this 
analysis, the mass velocity is defined as a func-
tion of the fin spacing. It is important to note 
that calculating this velocity requires knowing 
the frontal flow area on both sides, a parameter 
that is initially unknown because sizing the heat 
exchanger is one of the objectives of this study. 
For this reason, the procedure adopted is itera-
tive and leads to multiple possible solutions, 

Figure 1. Layout of the natural gas
compression station. S refers to the scrubbers,

C refers to the compressor, and K refers
to the contactor

Table 1. Structural dimensions of the plate-fin heat 
exchanger, the symbols are shown in Figure 2

Parameter Symbol Both sides

Fin configuration - Plain

Fin thickness (mm) t 0.25

Fin height (mm) h 10.05

Plate spacing (mm) b 10.3

Fin spacing (mm) s 3.8

Plate thickness (mm) a 0.8
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evaluating different geometric combinations to 
analyze their influence on heat transfer and pres-
sure drop. This procedure is detailed later, after 
obtaining the overall heat transfer coefficient.
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To determine the final dimensions of the 
intercooler, it is necessary to calculate the over-
all heat transfer coefficient on the gas side, which 
depends on the convective coefficients and the 

surface efficiency of the fins on both sides of the 
exchanger. First, the friction factor for turbu-
lent flow proposed by Vajjha et al. [28], shown 
in Equation 12, is considered. From this factor, 
Gnielinski [29] developed the correlation for the 
Nusselt number in turbulent flow, presented in 
Equation 13. In Equation 12, the subscripts nf and 
bf stand for nanofluid and base fluid respectively.
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Figure 2. Schematic geometries of the plate-fin heat exchanger configuration (from [19, 27]).
The top shows a schematic isometric drawing of the intercooler, and the bottom shows a detail of the heights
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Then, the heat transfer coefficient on the cool-
ant side is shown in Equation 14.
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For the gas side, experimental data from 
Kays and London [26] for flat fin surfaces were 
used, which were adjusted using empirical cor-
relations for the Colburn factor and the friction 
factor, valid for turbulent flow up to a Reynolds 
number of 12,000, as shown in Equations 15 
and 16 [19].

	 𝑗𝑗𝑔𝑔 = −3.8 ⋅ 10−8𝑅𝑅𝑅𝑅𝑎𝑎 + 0.00348
(15) 

𝑓𝑓𝑔𝑔 = 2.4 ⋅ 10−11𝑅𝑅𝑅𝑅𝑎𝑎
2  −

−5.9 ⋅ 10−7𝑅𝑅𝑅𝑅𝑎𝑎 + 0.0108 (16) 

 

ℎ𝑔𝑔 =
𝑗𝑗𝑔𝑔𝐺𝐺𝑔𝑔𝑐𝑐𝑔𝑔

𝑃𝑃𝑃𝑃𝑔𝑔
2/3  
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𝜂𝜂𝑓𝑓 =
𝑡𝑡𝑡𝑡𝑡𝑡ℎ(𝑚𝑚𝑓𝑓(ℎ + 𝑡𝑡))
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From these correlations, the gas-side con-
vective coefficient was determined, expressed in 
Equation 17.
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The overall heat transfer coefficient is finally 
calculated using Equation 21, incorporating the 
effect of fin efficiency and surface effectiveness. 
In this analysis, the thermal resistance of the wall 
is neglected due to its small magnitude and the 
use of the same structural parameters on both 
sides of the heat exchanger.
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Once the overall heat transfer coefficient is 
obtained, the ε–NTU method is used to deter-
mine the required heat transfer area. The heat 
exchanger effectiveness is calculated using 
Equation 22, while the NTU for a cross-flow heat 
exchanger with both fluids unmixed is obtained 
from Equation 23.
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From Equations 22 and 23, Cg and Cc repre-
sent the heat capacity rate on the gas and cool-
ant sides, respectively, and are obtained through 
Equations 24 and 25. Additionally, Equation 26 
shows the minimum heat capacity rate ratio; Cmin 
refers to the lowest heat capacity rate between the 
two sides, and Cmax to the highest.
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Subsequently, the heat transfer area is deter-
mined using the relationship shown in Equation 
27. This value is compared with the proposed ini-
tial area, defined as a function of the exchanger 
volume (Equations 28 and 29), which reinforces 
the iterative nature of the design process. Since 
the heat exchanger volume is obtained from three 
dimensions as shown in Equation 29, for the iter-
ative process two of these three parameters are 
modified so that the heat transfer areas of Equa-
tions 27 and 28 are equivalent. In our specific 
case, the dimension H is the one that influences the 
frontal area of ​​each side, so it remains constant, 

Table 2. Equations of the geometry parameters 	
for the analysis

Parameter Formula Equation 

Hydraulic radius (m) 𝑟𝑟ℎ =
𝐷𝐷ℎ
4 = 2𝑠𝑠ℎ

𝑠𝑠 + ℎ (3) 

Total transfer 
area/volume 
between plates 
(m2/m3) 

𝛽𝛽 = 2(ℎ + 𝑠𝑠)
𝑏𝑏(𝑠𝑠 + 𝑡𝑡)  (4) 

Tota transfer area/ 
total heat exchanger 
volume (m2/m3) 

𝛼𝛼
= 𝛽𝛽𝛽𝛽
𝑏𝑏1 + 𝑏𝑏2 + 2𝑎𝑎 

(5) 

Free flow area/ 
frontal area 𝜎𝜎 = 𝑟𝑟ℎ𝛼𝛼 (6) 

 



284

Advances in Science and Technology Research Journal 2026, 20(7), 278–297

and only the dimensions W and L are varied, for 
the coolant side and the gas side respectively.

	

𝑗𝑗𝑔𝑔 = −3.8 ⋅ 10−8𝑅𝑅𝑅𝑅𝑎𝑎 + 0.00348
(15) 

𝑓𝑓𝑔𝑔 = 2.4 ⋅ 10−11𝑅𝑅𝑅𝑅𝑎𝑎
2  −

−5.9 ⋅ 10−7𝑅𝑅𝑅𝑅𝑎𝑎 + 0.0108 (16) 

 

ℎ𝑔𝑔 =
𝑗𝑗𝑔𝑔𝐺𝐺𝑔𝑔𝑐𝑐𝑔𝑔

𝑃𝑃𝑃𝑃𝑔𝑔
2/3  

 

 

𝑚𝑚𝑓𝑓 = √2ℎ𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓
𝑘𝑘𝐴𝐴𝐴𝐴𝑡𝑡 (18) 

 

𝜂𝜂𝑓𝑓 =
𝑡𝑡𝑡𝑡𝑡𝑡ℎ(𝑚𝑚𝑓𝑓(ℎ + 𝑡𝑡))

𝑚𝑚𝑓𝑓(ℎ + 𝑡𝑡) (19) 

 

𝜂𝜂𝑜𝑜 = 1 −
𝐴𝐴𝑓𝑓
𝐴𝐴𝑇𝑇

(1 − 𝜂𝜂𝑓𝑓) (20) 

 
1
𝑈𝑈 = 1

𝜂𝜂𝑜𝑜,𝑔𝑔ℎ𝑔𝑔
+ 1

𝜂𝜂𝑜𝑜,𝑐𝑐ℎ𝑐𝑐
(21) 

 

𝜖𝜖 = 𝑞𝑞
𝑞𝑞𝑚𝑚𝑚𝑚𝑚𝑚

=
𝐶𝐶𝑔𝑔|𝑇𝑇𝑔𝑔,𝑖𝑖𝑖𝑖 − 𝑇𝑇𝑔𝑔,𝑜𝑜𝑜𝑜𝑜𝑜|
𝐶𝐶𝑚𝑚𝑚𝑚𝑚𝑚|𝑇𝑇𝑔𝑔,𝑖𝑖𝑖𝑖 − 𝑇𝑇𝑐𝑐,𝑖𝑖𝑖𝑖|

=

= 𝐶𝐶𝑐𝑐|𝑇𝑇𝑐𝑐,𝑖𝑖𝑖𝑖 − 𝑇𝑇𝑐𝑐,𝑜𝑜𝑜𝑜𝑜𝑜|
𝐶𝐶𝑚𝑚𝑚𝑚𝑚𝑚|𝑇𝑇𝑔𝑔,𝑖𝑖𝑖𝑖 − 𝑇𝑇𝑐𝑐,𝑖𝑖𝑖𝑖| (22)

 

 
 

𝜖𝜖 = 1 − 𝑒𝑒𝑒𝑒𝑒𝑒[𝑒𝑒𝑒𝑒𝑒𝑒(−𝑁𝑁𝑁𝑁𝑁𝑁0.78𝐶𝐶) − 1
𝑁𝑁𝑁𝑁𝑁𝑁−0.22𝐶𝐶 ] (23) 

 

𝐶𝐶𝑔𝑔 = 𝑚̇𝑚𝑔𝑔𝑐𝑐𝑔𝑔 (24) 
 

𝐶𝐶𝑐𝑐 = 𝑚̇𝑚𝑐𝑐𝑐𝑐𝑐𝑐 (25) 
 

𝐶𝐶 = 𝐶𝐶𝑚𝑚𝑚𝑚𝑚𝑚
𝐶𝐶𝑚𝑚𝑚𝑚𝑚𝑚

(26) 

 

𝐴𝐴 = 𝐶𝐶𝑚𝑚𝑚𝑚𝑚𝑚𝑁𝑁𝑁𝑁𝑁𝑁
𝑈𝑈 (27) 

 
𝐴𝐴 = 𝛼𝛼𝛼𝛼 (28) 

 
𝑉𝑉 = 𝑊𝑊𝑊𝑊𝑊𝑊 

 

	 (27)

	

𝑗𝑗𝑔𝑔 = −3.8 ⋅ 10−8𝑅𝑅𝑅𝑅𝑎𝑎 + 0.00348
(15) 

𝑓𝑓𝑔𝑔 = 2.4 ⋅ 10−11𝑅𝑅𝑅𝑅𝑎𝑎
2  −

−5.9 ⋅ 10−7𝑅𝑅𝑅𝑅𝑎𝑎 + 0.0108 (16) 

 

ℎ𝑔𝑔 =
𝑗𝑗𝑔𝑔𝐺𝐺𝑔𝑔𝑐𝑐𝑔𝑔

𝑃𝑃𝑃𝑃𝑔𝑔
2/3  

 

 

𝑚𝑚𝑓𝑓 = √2ℎ𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓
𝑘𝑘𝐴𝐴𝐴𝐴𝑡𝑡 (18) 

 

𝜂𝜂𝑓𝑓 =
𝑡𝑡𝑡𝑡𝑡𝑡ℎ(𝑚𝑚𝑓𝑓(ℎ + 𝑡𝑡))

𝑚𝑚𝑓𝑓(ℎ + 𝑡𝑡) (19) 

 

𝜂𝜂𝑜𝑜 = 1 −
𝐴𝐴𝑓𝑓
𝐴𝐴𝑇𝑇

(1 − 𝜂𝜂𝑓𝑓) (20) 

 
1
𝑈𝑈 = 1

𝜂𝜂𝑜𝑜,𝑔𝑔ℎ𝑔𝑔
+ 1

𝜂𝜂𝑜𝑜,𝑐𝑐ℎ𝑐𝑐
(21) 

 

𝜖𝜖 = 𝑞𝑞
𝑞𝑞𝑚𝑚𝑚𝑚𝑚𝑚

=
𝐶𝐶𝑔𝑔|𝑇𝑇𝑔𝑔,𝑖𝑖𝑖𝑖 − 𝑇𝑇𝑔𝑔,𝑜𝑜𝑜𝑜𝑜𝑜|
𝐶𝐶𝑚𝑚𝑚𝑚𝑚𝑚|𝑇𝑇𝑔𝑔,𝑖𝑖𝑖𝑖 − 𝑇𝑇𝑐𝑐,𝑖𝑖𝑖𝑖|

=

= 𝐶𝐶𝑐𝑐|𝑇𝑇𝑐𝑐,𝑖𝑖𝑖𝑖 − 𝑇𝑇𝑐𝑐,𝑜𝑜𝑜𝑜𝑜𝑜|
𝐶𝐶𝑚𝑚𝑚𝑚𝑚𝑚|𝑇𝑇𝑔𝑔,𝑖𝑖𝑖𝑖 − 𝑇𝑇𝑐𝑐,𝑖𝑖𝑖𝑖| (22)

 

 
 

𝜖𝜖 = 1 − 𝑒𝑒𝑒𝑒𝑒𝑒[𝑒𝑒𝑒𝑒𝑒𝑒(−𝑁𝑁𝑁𝑁𝑁𝑁0.78𝐶𝐶) − 1
𝑁𝑁𝑁𝑁𝑁𝑁−0.22𝐶𝐶 ] (23) 

 

𝐶𝐶𝑔𝑔 = 𝑚̇𝑚𝑔𝑔𝑐𝑐𝑔𝑔 (24) 
 

𝐶𝐶𝑐𝑐 = 𝑚̇𝑚𝑐𝑐𝑐𝑐𝑐𝑐 (25) 
 

𝐶𝐶 = 𝐶𝐶𝑚𝑚𝑚𝑚𝑚𝑚
𝐶𝐶𝑚𝑚𝑚𝑚𝑚𝑚

(26) 

 

𝐴𝐴 = 𝐶𝐶𝑚𝑚𝑚𝑚𝑚𝑚𝑁𝑁𝑁𝑁𝑁𝑁
𝑈𝑈 (27) 

 
𝐴𝐴 = 𝛼𝛼𝛼𝛼 (28) 

 
𝑉𝑉 = 𝑊𝑊𝑊𝑊𝑊𝑊 

 

	 (28)

Where:

	 V = WLH	 (29)

Finally, once the geometric dimensions of the 
intercooler are defined, the pressure drop on each 
side is calculated using the expression for sin-
gle-phase flow presented in Equation 30, which 
allows the hydraulic performance of the system 
to be evaluated along with its thermal behavior.

	 𝛥𝛥𝛥𝛥 = 𝑓𝑓𝐿𝐿𝑟𝑟𝐺𝐺2

2𝐷𝐷ℎ𝜌𝜌  

 

𝜌𝜌𝑛𝑛𝑛𝑛 = 𝜙𝜙𝜌𝜌𝑛𝑛𝑛𝑛 + (1 − 𝜙𝜙)𝜌𝜌𝑏𝑏𝑏𝑏 (39) 
 

(𝜌𝜌𝜌𝜌)𝑛𝑛𝑛𝑛 = 𝜙𝜙(𝜌𝜌𝜌𝜌)𝑛𝑛𝑛𝑛 + (1 − 𝜙𝜙)(𝜌𝜌𝜌𝜌)𝑏𝑏𝑏𝑏 (40) 
 

𝑘𝑘𝑛𝑛𝑛𝑛
𝑘𝑘𝑏𝑏𝑏𝑏

= 1 + 0.008
 

(𝑇𝑇 − 273)
0.97𝜙𝜙0.79 (41)

 

 
 

𝜇𝜇𝑛𝑛𝑛𝑛
𝜇𝜇𝑏𝑏𝑏𝑏

= 1.02𝑒𝑒
−0.8

𝑇𝑇−273+0.25𝜙𝜙 (42) 

 
 

	 (30)

It is important to note that the pressure drop 
model employed in this study accounts primarily 
for distributed (frictional) losses within the heat 
exchanger channels, based on well-established 
correlations for compact plate-fin geometries. 
However, in practical engineering systems, addi-
tional pressure losses may arise due to flow dis-
tribution effects, including inlet and outlet head-
ers, manifolds, and potential flow maldistribution 
among parallel channels. These effects are not 
explicitly included in the present model, as the 
analysis focuses on the intrinsic thermo-hydraulic 
behavior of the heat transfer core. In large-scale 
exchangers, particularly when the overall dimen-
sions increase and multiple channels are supplied 
through common headers, such additional losses 
may become non-negligible and can contribute 
significantly to the total pressure drop. Therefore, 
the gas-side pressure drop values reported in this 
work should be interpreted as an estimation of 
the core (channel-level) frictional contribution, 
which may represent a lower bound of the total 
pressure drop in real installations. A more com-
prehensive evaluation including header design, 
flow distribution, and three-dimensional effects 
would be required for detailed industrial design 
and is recommended for future research.

Thermo-physical properties of the fluids

Correlations for the density, specific heat, 
dynamic viscosity, and thermal conductivity of 
the base fluid, natural gas, and nanofluids are nec-
essary for the analysis. These correlations were 

established from the data by fitting curves within 
a suitable temperature range. In this study, meth-
ane (CH4) is used as the representative compo-
nent of natural gas in the simulation. Although 
natural gas is a mixture composed primarily of 
methane along with other hydrocarbons (e.g., 
ethane, propane) and inert gases (e.g., nitrogen, 
CO2), methane typically constitutes between 85% 
and 95% of the mixture by volume. Since meth-
ane dominates the thermo-physical properties of 
natural gas, to simplify modeling and calculations 
it is considered an acceptable approximation to 
simulate the thermal and flow behavior of natural 
gas-based systems [30,31].

Therefore, Table 3 shows the thermo-
physical correlations for methane. The infor-
mation was obtained from previous research, 
considered a natural gas database. In this case, 
only the density is shown to depend on static 
pressure; in other words, the specific volume 
of natural gas varies with this parameter. The 
other transport and caloric properties of meth-
ane exhibit minimal pressure dependence under 
typical (subcritical) conditions. Experimental 
data show that thermal conductivity and viscos-
ity change by <3% at pressures up to 70 MPa 
[32, 33], while specific heat changes by <0.5% 
at pressures up to 33 MPa [34], which is consis-
tent with ideal gas law.

According to the literature on heat exchang-
er workflow, there is no general agreement on 
which fluid is most appropriate; however, some 
details are taken into account depending on the 
application. For example, in various applica-
tions, a mixture of water and ethylene glycol 
is used due to environmental conditions, as the 
fluid has a higher boiling point and a lower freez-
ing point. However, due to its abundance, this 
research will use water as the base fluid, since 
it has superior thermo-physical properties to eth-
ylene glycol and its blends, and there is a larger 
body of research on nanoparticles suspended in 
this liquid. Table 4 illustrates these properties, 
and the coefficient of determination is close to 1. 
A series of data sources, considered databases for 
water [35–37], were used to obtain the property 
data, and a curve was fitted in relation to tem-
perature, between 290 K and 310 K, the range in 
which the system will operate.

Although nanofluids have been extensively 
studied and subjected to numerous experimen-
tal tests, a completely detailed characterization 
of their properties from all possible perspectives 
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is still not available. This is due, among other 
factors, to variations in nanomaterial synthesis 
methods and the influence of different physi-
cochemical parameters [38, 39]. However, it is 
possible to use previous studies to estimate these 
properties. In particular, the density and specific 
heat of nanofluids, for different temperatures and 
volume fractions, can be calculated using the 
empirical correlations presented in Equations 39 
and 40, respectively [40, 41]. In the specific case 
of copper oxide nanoparticles, an approximate 
density of 6500 kg/m³ is considered, while their 
specific heat is estimated at 525 J/(kg·K) [42]. In 
Equations 39, 40, 41 and 42, the subscripts nf, np 
and bf stand for nanofluid, nanoparticle and base 
fluid respectively.
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According to the study carried out by Girhe 
et al [43], correlations were developed for the 
thermal conductivity and viscosity of copper 
oxide dispersed in water for a range of tempera-
tures (290 K ≤ T ≤ 340 K) and concentrations 
(0.1% ≤ ϕ ≤ 0.5%) shown in Equations 41 and 
42 respectively.
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Figure 3 shows a flowchart of the entire 
numerical methodology adopted for the evalua-
tion of heat transfer, pressure drop and intercooler 
sizing for the natural gas compression station. 

It is important to note that although no direct 
experimental validation was performed within 
the scope of this study, the numerical model is 
constructed exclusively using well-established 
and experimentally validated correlations for 
compact plate-fin heat exchangers and turbulent 
internal flows. The heat transfer and friction fac-
tor correlations employed for both the gas and 
coolant sides have been extensively reported in 
the literature and are applicable within the Reyn-
olds number ranges analyzed.

RESULTS

This section presents and analyzes the results 
obtained from the numerical model developed 
for the compact intercooler used in a natural gas 
compression station. The analysis focuses on the 
influence of three key parameters on the system’s 
thermal and hydraulic performance: (i) the Reyn-
olds number of the natural gas, (ii) the imposed 
temperature delta of the coolant in the inter-
cooler, and (iii) the volumetric concentration of 
CuO nanoparticles in the coolant. For each case, 
the overall heat transfer coefficient, the required 

Table 3. Correlations of the thermo-physical properties of methane for 300 K ≤ T ≤ 500 K. And additionally, the 
density for 100 kPa ≤ P ≤ 600 kPa

Property Correlation Eq. 

Density (kg/m3) 𝜌𝜌 = 𝑃𝑃
518.36𝑇𝑇 (31) 

Specific heat (J/kg-K) 𝑐𝑐 = 3.85 ⋅ 10−4𝑇𝑇2 − 0.18𝑇𝑇 + 1025.73 (32) 

Thermal conductivity (W/m-K) 𝑘𝑘 = 6.95 ⋅ 10−5𝑇𝑇 + 4.94 ⋅ 10−3 (33) 

Viscosity (Pa.s) 𝜇𝜇 = −2.54 ⋅ 10−11𝑇𝑇2 − 6.12 ⋅ 10−8𝑇𝑇 + 2.49 ⋅ 10−6 (34) 

 

Table 4. Correlations of the thermo-physical properties of water for 290 K ≤ T ≤ 320 K
Property Correlation Eq. 

Density (kg/m3) 𝜌𝜌 = −4.72 ⋅ 10−3𝑇𝑇2 + 2.56𝑇𝑇 + 653.58 (35) 

Specific heat (J/kg-K) 𝑐𝑐 = −2.19 ⋅ 10−2𝑇𝑇 + 4189.6 (36) 

Thermal conductivity (W/m-K) 𝑘𝑘 = −9.73 ⋅ 10−6𝑇𝑇2 + 7.49 ⋅ 10−3𝑇𝑇 − 0.77 (37) 

Viscosity (Pa.s) 𝜇𝜇 = 3.48 ⋅ 10−7𝑇𝑇2 − 2.28 ⋅ 10−4𝑇𝑇 + 3.79 ⋅ 10−2 (38) 
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exchanger volume, and the pressure drops on both 
sides are evaluated to identify dominant physical 
trends and relevant thermo-hydraulic trade-offs 
for real-world industrial applications.

Influence of the gas Reynolds number

This section systematically analyzes the influ-
ence of the Reynolds number of natural gas on 
the thermal and hydraulic behavior of the com-
pact intercooler. The analysis is performed for 
gas Reynolds numbers between 4000 and 12000, 
keeping the coolant mass flow rate, the target 
temperature difference of the gas, and the heat 
exchanger geometry constant.

Figure 4 shows the variation of the overall 
heat transfer coefficient U as a function of the 
coolant Reynolds number for different gas Reyn-
olds numbers. For a fixed coolant Reynolds num-
ber, increasing the gas Reynolds number produces 
a clear and sustained increase in U. For example, 
for an intermediate coolant Reynolds number, 
the overall heat transfer coefficient increases by 
approximately 35–40% when the gas Reynolds 
number is increased from 4000 to 12000. This 
increase is mainly associated with the intensifica-
tion of the convective coefficient on the gas side, 
where thermal resistance is usually dominant in 
compact gas-liquid heat exchangers.

However, the increase in U is not linear across 
the entire gas Reynolds number range. From 4000 
to 8000, the relative increase in U is on the order of 
20–25%, while the additional increase from 8000 
to 12000 is reduced to approximately 10–15%. 
This behavior indicates the emergence of diminish-
ing returns, a phenomenon widely reported in the 
literature for compact heat exchangers with finned 
surfaces, where other thermal resistances – such as 
those on the coolant side and fin efficiency – begin 
to limit the overall improvement in heat exchange.

The influence of the gas Reynolds number on 
the heat exchanger sizing is shown in Figure 5, 
which presents the total required intercooler volume. 
Increasing the gas Reynolds number leads to a sig-
nificant reduction in the volume needed to meet the 
imposed thermal load. In quantitative terms, the per-
centage reduction in heat exchanger volume when 
increasing the gas Reynolds number from 4000 to 
6000 and to 12000 was determined to be 30% and 
55%, respectively. This reduction is a direct result 
of the increased overall heat transfer coefficient, 
which allows the same thermal effectiveness to be 
achieved with a smaller heat transfer area.

Figure 3. Flowchart of the methodology
adopted for the thermo-hydraulic evaluation

and sizing of the intercooler
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Similar to what was observed for the over-
all coefficient, the volume reduction exhibits an 
asymptotic trend. Most of the volume reduction 
is achieved by increasing the gas Reynolds num-
ber from low to intermediate values, while at 
high gas Reynolds numbers, the further reduc-
tion is more limited. From a practical standpoint, 
this result is highly relevant, as it suggests that 
operating at excessively high gas Reynolds num-
bers may not be efficient when hydraulic penal-
ties are also considered.

The effect of the gas Reynolds number on 
the coolant-side pressure drop is shown in Fig-
ure 6. The results indicate that the coolant pres-
sure drop is relatively insensitive to variations 
in the gas Reynolds number. Across the entire 
analyzed range, the maximum increase in the 
coolant pressure drop is less than 5–8% when 
the gas Reynolds number is increased from 4000 
to 12000. This behavior is explained by the fact 
that the hydrodynamic conditions of the coolant 
remain constant and that the thermal interaction 
with the gas only marginally modifies the aver-
age properties of the coolant fluid. Consequent-
ly, from the point of view of coolant pumping, 
the increase in gas Reynolds number does not 
introduce a significant penalty.

Conversely, Figure 7 shows that the pres-
sure drop on the gas side increases with the gas 

Reynolds number. When the gas Reynolds num-
ber rises from 4000 to 12000, the gas pressure drop 
increases proportionally; however, its absolute 
magnitude remains low, with a maximum value 
of approximately 18 Pa. Compared with the gas 
inlet pressure of 2500 kPa prior to compression, 
this variation can be considered negligible from 
a practical and operational standpoint. Therefore, 
although the relative increase is noticeable from 
a fluid-dynamic perspective, its impact on com-
pressor power requirements is minimal under the 
studied conditions.

The relatively small gas-side pressure drop 
obtained in the present study is mainly related 
to the geometric characteristics of the analyzed 
heat exchanger configuration. In the adopted 
design methodology, the exchanger height (H) is 
varied while maintaining the required heat trans-
fer area according to Equations 27 and 28. As a 
consequence, when H decreases, the exchanger 
length (L) increases to preserve the overall heat 
transfer surface. The obtained gas-side pressure 
drops remain on the order of only a few Pascals 
(approximately 2–18 Pa), which represents a neg-
ligible fraction of the compressor operating pres-
sure level (MPa order).

However, the gas flow direction corresponds 
to the exchanger width (W), which remains 
smaller than 1 m for all evaluated configurations. 

Figure 4. Overall heat transfer coefficient evaluated with different gas Reynolds numbers for a range of 4000
to 12000 of the coolant Reynolds number
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Figure 5. Intercooler volume evaluated with different gas Reynolds numbers for a range of 4000 to 12000
of the coolant Reynolds number

Figure 6. Pressure drop on the coolant side evaluated with different gas Reynolds numbers for a range of 4000
to 12000 of the coolant Reynolds number

Therefore, the actual gas flow path length is 
relatively short and varies only slightly between 
cases. Because frictional pressure losses are 
directly related to the flow path length, the result-
ing gas-side pressure drop remains small even at 
higher Reynolds numbers. Furthermore, as the 
exchanger volume increases, the effective flow 

area also increases, which reduces the gas veloci-
ty and consequently decreases the frictional pres-
sure losses. This explains the decrease in pres-
sure drop shown in Figure 7 with the increase in 
heat exchanger volume presented in Figure 5.

Taken together, the results in this sec-
tion confirm that the gas Reynolds number 
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significantly influences the thermal perfor-
mance of the intercooler, primarily through the 
enhancement of the overall heat transfer coef-
ficient and the associated reduction in exchang-
er volume. This behavior is consistent with 
classical turbulent convection trends reported 
for compact plate-fin heat exchangers, where 
increasing Reynolds number intensifies con-
vective transport while increasing frictional 
losses. Similar tendencies have been document-
ed in previous studies; however, the present 
analysis extends those findings by quantifying 
the simultaneous impact on exchanger sizing 
under realistic natural gas compression condi-
tions, thereby providing a more design-oriented 
thermo-hydraulic assessment. Although higher 
gas Reynolds numbers increase the gas-side 
pressure drop, this effect remains negligible in 
absolute terms when compared with the operat-
ing pressure level of the system. Consequently, 
within the evaluated range, the thermo-hydrau-
lic trade-off is predominantly governed by 
heat transfer enhancement rather than gas-side 
hydraulic penalties. In the subsequent sections, 
this analysis is complemented by evaluating the 
influence of the imposed temperature differ-
ence and the nanofluid concentration in order 
to identify configurations that improve thermal 
performance without introducing significant 
hydraulic drawbacks.

Influence of temperature deltab 		
on the coolant side

This section analyzes the effect of the 
imposed temperature difference (ΔT) between the 
inlet and outlet on the coolant side on the ther-
mal and hydraulic performance of the intercooler. 
This delta value is imposed on heat exchangers 
due to thermal fluctuations on the coolant side, 
which can be managed with temperature sensing. 
The analysis is performed for ΔT values ​​of 8, 10, 
and 12 °C, keeping the gas Reynolds number con-
stant at 8000, a value representative of a previ-
ously analyzed intermediate operating condition.

Figure 8 shows the variation of the overall 
heat transfer coefficient (U) as a function of the 
coolant Reynolds number for the different ΔT 
values. It can be observed that, in all cases, U 
increases with increasing coolant Reynolds num-
ber, which is consistent with the expected behav-
ior in turbulent internal flow, where increased 
velocity increases the convective coefficient and 
reduces the thermal resistance associated with the 
boundary film. However, when comparing the 
three ΔT values, it is clear that the temperature 
difference has a secondary influence on U, with 
relatively small differences between the curves. 
In quantitative terms, the increase in ΔT from 8 to 
12 °C produces an increase in U of approximately 
2–4%, depending on the Reynolds number of the 

Figure 7. Pressure drop on the gas side evaluated with different gas Reynolds numbers for a range of 4000
to 12000 of the coolant Reynolds number
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coolant. This result indicates that the overall coef-
ficient is primarily controlled by the convective 
regime (Reynolds) and by the average thermo-
physical properties, while the temperature differ-
ence does not significantly alter the heat transfer 
mechanisms within the analyzed range.

This behavior can be explained by the classi-
cal formulation of the overall heat transfer coef-
ficient (ΔT), where U depends on the sum of the 
thermal resistances in series (gas side, metal wall, 
and coolant side), as well as the surface efficiency 
associated with the fins. In this context, ΔT does 
not directly modify the convection mechanism 
but rather acts primarily on the overall thermal 
driving force. Because the Nusselt correlations 
used depend mainly on Re and Pr, and the tem-
perature range considered does not drastically 
alter the properties of the gas or the coolant, the 
variation of U remains limited. This is consistent 
with trends reported in compact gas-liquid heat 
exchangers, where moderate temperature changes 
more significantly affect the heat capacity and the 
mean temperature difference than the convective 
heat transfer coefficient.

Despite the limited influence of ΔT on the 
overall heat transfer coefficient, its effect on 
intercooler sizing is clearly reflected in Figure 9. 
The results show that, for a fixed gas Reynolds 
number of 8000, the required heat exchanger 

volume increases as the imposed coolant-side 
temperature difference (ΔT) increases. For all 
coolant Reynolds numbers, the highest volume 
corresponds to ΔT = 12 °C, while the lowest is 
obtained for ΔT = 8 °C. Additionally, increas-
ing the coolant Reynolds number leads to a 
progressive reduction in volume for all ΔT val-
ues. These trends indicate that, under the mod-
eled conditions, the exchanger sizing is more 
strongly influenced by the coolant flow rate than 
by the imposed temperature difference, and that 
larger ΔT values do not lead to a reduction in the 
required volume in the present configuration.

From an industrial design perspective, this 
trend is relevant because it suggests that opera-
tional control of the temperature difference (for 
example, by regulating the coolant flow rate or 
inlet temperature) can be used as a tool for inter-
cooler compaction without significantly increas-
ing pressure losses. However, it is important to 
note that an excessive increase in the temperature 
difference could affect downstream system per-
formance (for example, thermal conditions in the 
subsequent compression stage), so its optimiza-
tion must consider thermodynamic constraints of 
the overall process.

The influence of ΔT on hydraulic performance 
is presented in Figure 10. The results indicate that 
the coolant-side pressure drop increases both with 

Figure 8. Overall heat transfer coefficient evaluated with different temperature deltas on the coolant side
for Reg = 8000, for a range of 4000 to 12000 of the coolant Reynolds number
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coolant Reynolds number and with increasing ΔT. 
For a given Reynolds number, the highest pres-
sure losses correspond to ΔT = 12 °C, whereas 
the lowest values are observed for ΔT = 8 °C. 
This behavior suggests that, within the evaluated 
temperature range, the increase in average cool-
ant temperature does not produce a sufficient vis-
cosity reduction to offset the higher flow-related 
hydraulic effects. Consequently, in contrast to the 
initial assumption, higher ΔT values are associ-
ated with slightly higher pressure drops under the 
simulated conditions.

On the gas side (Figure 11), the pressure drop 
shows a weak dependence on the temperature 
difference, exhibiting variations of less than 5% 
across the entire analyzed range. This indicates 
that, for the fixed gas Reynolds number of 8000, 
the gas hydrodynamics are dominated by the mass 
velocity and the heat exchanger geometry, while 
the variations in properties with temperature are 
not large enough to significantly modify the pres-
sure losses. Consequently, the temperature differ-
ence can be considered an adjustment parameter 
with low hydraulic impact on the gas side, which 
is advantageous in compression stations where 
the most critical energy penalty is usually associ-
ated with the compressor power.

Collectively, the results of this section dem-
onstrate that increasing ΔT is an effective strategy 

for reducing intercooler size and improving sys-
tem compactness, while maintaining a nearly con-
stant overall heat transfer coefficient and without 
introducing significant hydraulic penalties. This 
behavior is consistent with previous analyses of 
compact intercoolers, where the imposed temper-
ature difference primarily influences exchanger 
sizing through the available thermal driving force 
rather than substantially modifying local convec-
tive heat transfer coefficients. In contrast to stud-
ies that focus mainly on thermal performance, the 
present work additionally evaluates the associ-
ated hydraulic response, enabling a more com-
prehensive thermo-hydraulic assessment. Within 
the analyzed range, these findings suggest that 
intercooler optimization may benefit more from 
adjusting the temperature difference as an opera-
tional design variable than from attempting to 
enhance U through temperature variations alone.

Influence of nanofluid concentration

The influence of the volumetric concentra-
tion of CuO nanoparticles in the coolant is ana-
lyzed in this section considering values ​​of ϕ 
= 0, 0.1, 0.3, and 0.5%, while keeping the gas 
Reynolds number constant at 8000. This analy-
sis allows for the evaluation of the real potential 
of nanofluids to improve the thermo-hydraulic 

Figure 9. Intercooler volume evaluated with different coolant side temperature deltas for Reg = 8000,
for a range of 4000 to 12000 of the coolant Reynolds number



292

Advances in Science and Technology Research Journal 2026, 20(7), 278–297

performance of the intercooler under representa-
tive operating conditions.

Figure 12 shows the overall heat transfer coef-
ficient U as a function of the coolant Reynolds 
number for the different concentrations. It can be 
observed that, for all concentrations, U increases 

with the coolant Reynolds number, confirming 
that the convective regime remains the dominant 
mechanism. However, as ϕ increases, a system-
atic shift towards higher U values ​​is observed, 
demonstrating the positive effect of the nanoflu-
id. Quantitatively, as the concentration increases 

Figure 10. Pressure drop on the coolant side evaluated with different temperature deltas on the coolant side
for Reg = 8000, for a range of 4000 to 12000 of the coolant Reynolds number

Figure 11. Pressure drop on the gas side evaluated with different temperature deltas on the coolant side
for Reg = 8000, for a range of 4000 to 12000 of the coolant Reynolds number
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from ϕ = 0 to ϕ = 0.5%, the overall coefficient 
increases by approximately 6% to 9%, depend-
ing on the coolant Reynolds number. This result 
is consistent with the improvement in the effec-
tive thermal conductivity of the coolant, which 
increases the convective coefficient on the liquid 
side and reduces the overall thermal resistance.

From a physical standpoint, the increase in 
U with concentration can be attributed to several 
mechanisms. First, the increased thermal conduc-
tivity of the nanofluid enhances energy transport 
by conduction in the thermal boundary layer. 
Second, some nanofluid models suggest addi-
tional effects associated with Brownian motion, 
microconvection, and alteration of the effective 
thermal gradient, which can contribute to inten-
sifying energy exchange. However, in compact 
heat exchangers and under turbulent conditions, 
the dominant contribution is usually the modifi-
cation of effective thermo-physical properties, 
especially k and Pr, which is consistent with the 
observed trends.

The impact of the thermal improvement on 
sizing is shown in Figure 13, which displays the 
required intercooler volume. A reduction in vol-
ume is observed as ϕ increases, which is con-
sistent with the observed increase in U. For ϕ = 
0.5%, the volume decreases by approximately 7% 
to 12% compared to the case with the base fluid, 
depending on the coolant Reynolds number. This 

result confirms that even moderate improvements 
in the overall coefficient can translate into signifi-
cant reductions in the total volume of the equip-
ment, particularly in compact heat exchangers 
where the specific area is high and small varia-
tions in U directly impact the required size.

However, the use of nanofluids introduces 
hydraulic penalties, mainly on the coolant side. 
Figure 14 shows the coolant pressure drop for 
different concentrations, where a systematic 
increase is observed as ϕ increases. Quantitative-
ly, the pressure drop increases by approximately 
8% to 15% when going from ϕ=0 to ϕ=0.5%. 
This increase is associated with the increase in 
the effective viscosity of the nanofluid, which 
increases the friction factor and friction losses 
in the heat exchanger channels. This result is 
particularly important from the point of view of 
pumping power, since moderate increases in ΔP 
can translate into an increase in energy consump-
tion in the cooling circuit, especially if the system 
operates continuously.

In industrial applications, this effect repre-
sents the main limiting factor for the adoption 
of nanofluids: although thermal intensification 
is achieved, the increase in pressure losses can 
reduce or even negate the overall benefit when the 
total energy consumption of the system is evaluat-
ed. Therefore, the selection of the optimal concen-
tration should not be based solely on maximizing 

Figure 12. Overall heat transfer coefficient evaluated at different nanofluid concentrations for Reg = 8000,
for a range of 4000 to 12000 of the coolant Reynolds number
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U, but on achieving a balance between thermal 
improvement and hydraulic penalty.

Figure 15 shows the pressure drop on the 
gas side for different concentrations. Unlike the 
coolant, the influence of ϕ on the gas pressure 
drop is indirect and moderate, with variations 
of less than 5–7%. This indicates that the effect 
of the nanofluid does not significantly alter the 

hydrodynamic behavior of the gas, since this is 
dominated by the geometry of the heat exchanger 
and the fixed gas Reynolds number. This result is 
favorable, given that in compression stations the 
dominant energy cost is usually associated with 
gas compression, not coolant pumping. Conse-
quently, the use of nanofluids in the coolant does 
not critically increase the gas-side penalty.

Figure 13. Intercooler volume evaluated at different nanofluid concentrations for Reg = 8000,
for a range of 4000 to 12000 of the coolant Reynolds number

Figure 14. Pressure drop on the coolant side evaluated at different nanofluid concentrations for Reg = 8000,
for a range of 4000 to 12000 of the coolant Reynolds number
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Overall, the results indicate that the use of 
CuO–water nanofluids constitutes a viable strate-
gy for enhancing intercooler thermal performance 
and reducing exchanger size, particularly when 
system compactness is a primary design objec-
tive. The observed improvement in overall heat 
transfer coefficient and the associated volume 
reduction fall within the range commonly report-
ed in the literature for low nanoparticle volume 
fractions under turbulent flow conditions. Previ-
ous studies have similarly identified moderate 
thermal enhancement accompanied by increased 
pressure drop due to higher effective viscosity. 
However, unlike investigations conducted in sim-
plified channel geometries or laboratory-scale 
systems, the present analysis evaluates nanofluid 
performance within a compact plate-fin configu-
ration under realistic natural gas compression 
conditions, thereby extending existing findings 
to a more application-oriented framework. With-
in the analyzed range, moderate concentrations 
(ϕ ≈ 0.3–0.5%) provide an attractive compro-
mise between volume reduction (≈ 7–12%) and 
increase in coolant pressure drop (≈ 8–15%), sug-
gesting that industrial implementation is feasible 
provided that cooling circuit operation and pump-
ing power requirements are properly optimized.

CONCLUSIONS

In this work, a numerical model was developed 
to evaluate the thermo-hydraulic performance of a 

compact plate-fin intercooler applied to a natural 
gas compression station, considering the influence 
of gas Reynolds number, imposed coolant temper-
ature difference, and the use of CuO–water nano-
fluids. The results confirm trends widely reported 
for compact heat exchangers, namely that increas-
ing Reynolds number enhances convective heat 
transfer while increasing frictional losses; howev-
er, the present study extends previous findings by 
quantifying these effects simultaneously in terms 
of overall heat transfer coefficient, exchanger vol-
ume, and pressure drop under realistic natural gas 
compression conditions. 

The gas Reynolds number was identified as 
the dominant parameter, increasing the overall 
heat transfer coefficient by approximately 35–40% 
and reducing the required exchanger volume by up 
to 30–45% when increased from 4000 to 12000, 
albeit with a 250–350% rise in gas-side pressure 
drop. Nevertheless, the absolute magnitude of this 
pressure drop remains very small (approximately 
2–18 Pa), which represents a negligible fraction of 
the operating pressure of the compression system. 
Increasing the temperature difference (ΔT = 8–12 
°C) had a limited effect on U (2–4%) but enabled 
an 8–12% reduction in exchanger volume without 
significant hydraulic penalties. The incorporation 
of CuO–water nanofluids (ϕ ≤ 0.5%) improved U 
by 6–9% and reduced volume by up to 7–12%, 
although coolant pressure drop increased by 8–15% 
due to higher effective viscosity. The reported 
gas-side pressure drops correspond to channel-
level frictional losses and may underestimate total 

Figure 15. Gas-side pressure drop evaluated at different nanofluid concentrations for Reg = 8000,
for a range of 4000 to 12000 of the coolant Reynolds number
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system pressure losses in practical installations 
where header and distribution effects are present.

From a practical perspective, these findings 
provide a structured thermo-hydraulic trade-off 
framework for the design and optimization of 
compact intercoolers in natural gas compression 
systems. Nevertheless, the present study is lim-
ited to steady-state numerical modeling using 
established correlations and does not include 
experimental validation or long-term operational 
considerations. Future research should focus on 
experimental verification under industrial condi-
tions, transient operation analysis, assessment of 
long-term nanofluid stability and fouling effects, 
and multi-objective optimization incorporating 
economic and energy consumption criteria.
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